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This paper presents a theoretical and experimental analysis of a self-contained variable speed R-290 refrigeration 
unit applied to a typical 1.25m long two-glass-door reach-in supermarket display case, originally designed to run on 
an incorporated R-404A single speed refrigeration unit. A semi-empirical mathematical model was put forward to 
predict system energy consumption and cabinet psychometrics. One energy consumption test was performed at 32°C 
ambient temperature and used to calibrate components overall heat transfer coefficients. The model validation was 
then performed by using the calibrated model to predict the system energy consumption at 27°C ambient 
temperature. A good agreement between experimental and numerical results was found with errors lower than 1% 
and 3% on energy consumption and compressor running time ratio respectively. The model was also applied to 
predict annual energy consumption for two units (R-290 self-contained and R-404A incorporated) as a function of 
the monthly average ambient temperatures for Joinville, Brazil. The simulation results indicate an annual energy 
consumption saving up to 30% when a self-contained R-290 variable speed hermetic refrigeration unit is applied to a 




Supermarkets represent one of the largest energy-intensive building groups in the commercial sector, consuming 2 
to 3 million kWh/yr per store (Miller, 2004). Open, vertical, multi-deck medium temperature cases can be 
responsible for up to 50% of the total store refrigeration load in a typical supermarket. These display cases are 
usually designed to allow easy access to consumer goods in order to increase sales. However, the introduction of 
glass doors for reach-in display cases can present several benefits such as: 
 
i. Increase product quality: the introduction of glass-door systems contribute to food shelf life by reducing 
temperature stratification on products due to better air distribution within the cabinet (Fricke, 2010). 
ii. Energy consumption: the installation of glass doors to open front system decreases thermal load due to 
infiltration, allowing the application of more suitable and optimized refrigeration units that can lead to 
energy consumption savings up to 50% (Ligthart, 2007). 
iii. Compactness: as the thermal load drops, the required installed cooling capacity will decrease in proportion, 
allowing the use of more suitable and compact compressor and heat exchangers.  
 
Additional improvements on display cases performance can still be achieved by the introduction of modern variable 
speed, self-contained natural refrigerant units. The decrease on thermal load permitted the optimization and 
compactness of compressor and heat exchangers, allowing the development of minimum charge self-contained      
R-290 refrigeration units that are able to comply with international safety standards such as IEC 60335-2-89 and  
EN00378.  Moreover, it allowed the application of compact hermetic variable speed reciprocating compressors 
whose capacity control can lead to additional energy consumption savings.  
 
This paper presents a theoretical and experimental analysis of a self-contained variable speed R-290 refrigeration 
unit applied to a typical glass door reach-in supermarket display case. A semi-empirical mathematical model, based 
on mass and energy conservation principles, was put forward to predict system energy consumption and cabinet 
psychometrics as a function of environmental conditions. The model was applied to predict the annual energy 
consumption for both units (self-contained and incorporated) as a function of the monthly average ambient 
temperature for Joinville, Santa Catarina, Brazil.  
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2. EXPERIMENTAL WORK 
 
The experimental work was performed in a 1.25m long reach-in two-glass-door beverage display case (climate class 
6 – ISO 23953-2) as shown on figure 1a. The cooling capacity was provided by a self-contained hermetic 
refrigerating unit that applies R-290 as working fluid (figure 1b). Energy consumption tests were carried out in a 
climate test room at two ambient temperatures (32°C and 27°C), constant relative humidity (𝜙E = 0.65) and no door 
opening. The display case was tested fully loaded with 456 units of 350ml beer bottles. 
   
  
(a) (b) 
Figure 1: (a) Reach-in beverage cooler and (b) self-contained hermetic refrigeration unit 
 
2.1 Refrigeration circuit 
The refrigeration unit (figure 2) was comprised of a variable speed 13cm3 displacement hermetic reciprocating 
compressor that applies 130g of R-290 as working fluid.  Two forced draft fin-in-tube heat exchangers are used as 
condenser and evaporator. Each heat exchanger applies a 10 inch electronic fan. Suction (point 1) and discharge 
(point 2) temperatures were measured by T-type thermocouples both installed at 100 mm from compressor shell. In 
addition, suction and discharge pressures were also measured by strain-gage pressure transducers installed at the 
same position. Additional T-type thermocouples were used to measure the refrigerant temperature at condenser inlet 
(point 3), condenser outlet (point 4), capillary tube inlet (point 5), evaporator inlet (point 6), and evaporator outlet 
(point 7). Furthermore, the air inlet and outlet temperatures at both heat exchangers (evaporator and condenser) were 
measured by a set of T-type thermocouples installed on the air stream.  
 
 
Figure 2: Refrigeration circuit   
 
2.1 Air circuit 
Figure 3 shows a schematic representation of the system air circuit. The cold, dry air stream that leaves the 
evaporator coil is blown to the compartment at condition (I). Temperature at point (I) is measured by three T-type 
thermocouples installed at evaporator outlet. As the air flows through the compartment, sensible heat (e.g. heat load 
through the walls, fan power, lights and anti-condensation heater) is added to the stream until the air reaches the 
cabinet condition (C). Condition in the cabinet was measured by temperature probes, installed between compartment 
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gaskets at condition (E), which will mix with air that returns from the compartment (R) at mixing point (M). The air 
mixture at the evaporator inlet passes through the evaporator coil, where it is cooled and dehumidified. Frost builds 
up at coil surface due to humidity present in the air. A hot-cycle defrost process takes place periodically in order to 
eliminate frost from the evaporator coil. The water from defrost process, ?̇?𝑠  [kg/s], is then collected on the system 
drip pan.  
 
Figure 3: Air circuit   
 
3. MATHEMATICAL MODEL 
 
A semi-empirical steady-state mathematical model was developed to assess the performance of a vapor compression 
refrigeration unit and its cabinet psychometrics. The model consists on first principle algebraic equations adjusted 
with experimental data to the system under investigation. The mathematical approach was divided into two domains 
named (i) vapor compression and (ii) psychometric sub-models. The mathematical formulation for the vapor 
compression sub-model follows closely that proposed by Hermes et al (2009). The psychometric sub model was put 
forward based on overall mass and energy conservation principles applied to air control volumes (figure 3).  
 
3.1 Psycrometric sub-model 
The air-side sub-model was put forward in order to predict the thermodynamic states of humid air throughout the 
system. To solve the mass and energy balances for water and dry air on the different control volumes of the air 
circuit (figure 4), the following assumptions were made to the psychometric sub-model: 
i) The thermodynamic state of the ambient air (TE and ϕE) as well as the temperature set point within the 
cabinet (TC) are problem boundary conditions and are known in advance. 
ii) Only sensible heat (thermal load trough the walls and electrical power dissipated inside the cabinet) is 
added to air that comes out the evaporator at condition (I). As a result, the humidity ratio is kept 
constant between (I) and (R). 
iii) Latent load is accounted for by the infiltration rate ?̇?𝐸  [kg/s] at mixing point. 
iv) Air infiltration rate, evaporator air flow rate and condenser air flow rate were calibrated based on the 
experimental data during baseline energy consumption test and kept constant during all investigation. 
 
Total thermal load on the system can be computed by the combination of sensible heat gain through cabinet walls 
 ?̇?𝑤 [W], the heat load from the doors anti-condensation heaters ?̇?𝑑 [W], electrical power dissipated in the 
compartment such as fans ?̇?𝑓𝑎𝑛.𝑒𝑣  [W] and lights ?̇?𝑜[W], and finally the contribution from the infiltration load 
?̇?𝐸[W]. The total thermal load calculation is shown as follows: 
 
 ?̇?𝑡𝑡𝑙 = ?̇?𝑤 + ?̇?𝑑 + ?̇?𝑓𝑎𝑛.𝑒𝑣 + ?̇?𝑜 + ?̇?𝐸 (1) 
 
where the sensible heat load through the walls, ?̇?𝑤 = 𝑈𝐴𝑤(𝑇𝐸 − 𝑇𝐶), is assessed by the cabinet overall heat transfer 
coefficient 𝑈𝐴𝑤  [W/°C] and the temperature difference between the ambient and the cabinet 𝑇𝐸 − 𝑇𝐶  [°C]. The 
cabinet overall heat transfer coefficient is determined in a specific test performed beforehand. Furthermore, the heat 
load from the doors anti-condensation heaters ?̇?𝑑 = ?̇?𝑑,ℎ𝑒𝑎𝑡𝑒𝑟(1 − 𝜂𝑑) was defined as a fraction of the heater total 
power ?̇?𝑑,ℎ𝑒𝑎𝑡𝑒𝑟[𝑊]. The fraction is accounted for by the door heater efficiency 𝜂𝑑 [-]. Door heater efficiency is 
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Figure 4: Schematic representation for cabinet mass and energy balances   
 
Moreover, the sensible and latent heat load due to air infiltration through the gaskets ?̇?𝐸 [W] is computed as follows: 
 
 ?̇?𝐸 = ?̇?𝐸(ℎ𝐸 − ℎ𝑒) (2) 
 
where ?̇?𝐸 [kg(a)/s] is the infiltration rate at mixing point, ℎ𝐸 [J/kg(a)] the specific enthalpy of humid air at ambient 
condition and ℎ𝑒 [J/kg(a)] the specific enthalpy of humid air at exhaustion condition. The infiltration mass flow rate 
was calibrated during a baseline energy consumption test and then kept constant during the whole simulation. Its 
value was determined by measuring the amount of water collected after one defrost cycle Mg [kg] over a specific 
period of time t as follows: 





where ?̇?𝑠[kg(s)/s] is the dehumidification rate at evaporator coil. Since the only water source is the ambient air that 
infiltrate through the gaskets, by performing water mass balance over the whole system it is possible to show that:  

 ?̇?𝑠 = ?̇?𝐸(𝜔𝐸 − 𝜔𝑒) (4) 
 
where 𝜔𝐸 [kg(s)/kg(a)] and 𝜔𝑒 [kg(s)/kg(a)] are respectively the humidity ratio of ambient and exhaustion air at their 
correspondent thermodynamic states. In addition, performing a mass and energy balance to the evaporator coil it is 
also possible to show that the dehumidification rate is expressed by: 
 
 ?̇?𝑠 = ?̇?𝑀(𝜔𝑀 − 𝜔𝐼) (5) 
 
where ?̇?𝑀 [kg(a)/s] is the air mass flow rate at evaporator inlet, 𝜔𝑀 [kg(s)/kg(a)] and 𝜔𝐼  [kg(s)/kg(a)] are respectively 
the humidity ratio of humid air at evaporator inlet and outlet. In order to compute the air mass flow rate on the 
evaporator side, an additional equation can be derived based on the energy balance applied to the evaporator coil.  
 
 ?̇?𝑒𝑣 = ?̇?𝑀(ℎ𝑀 − ℎ𝐼) (6) 
 
where ℎ𝑀 [J/kg(a)] and ℎ𝐼 [J/kg(a)] are respectively the specific enthalpy of humid air at evaporator inlet an outlet. 







Moreover, an additional equation for the evaporator coil cooling capacity can be derived as follows: 
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where 𝑈𝐴𝑒𝑣  (W/ºC) is the evaporator overall heat transfer coefficient, TA,ev = TM – Tev the temperature difference 
between the humid air at evaporator inlet temperature and the evaporating temperature itself, whereas TB = TI – Tev 
is the temperature difference between the air at evaporator outlet and the evaporating temperature. The term ?̇?𝑙𝑎𝑡[W] 
on equation 8 accounts for the latent heat load portion from the infiltration rate ?̇?𝐸 [W] defined as follows: 
 
 ?̇?𝑙𝑎𝑡 = ?̇?𝑀(ℎ𝑀 − ℎ𝐽) (10) 
 
where ℎ𝐽  [J/kg(a)] is the specific enthalpy of humid air at mixture temperature TM[°C] and humidity ratio 
𝜔𝐼[kg(s)/kg(a)].  
 
3.2 Vapor compression system sub-model 
For modeling purposes, the refrigeration system was divided into four component sub-models: (i) compressor, (ii) 
capillary tube-suction line heat exchanger (CT-SL HX), (iii) condenser and (iv) evaporator (Hermes et al, 2009). 
The simulation model was devised assuming that the refrigeration unit operates at steady-state conditions while the 
effect of thermostat is accounted for by the compressor running time ratio (ratio between total thermal load and 
compressor cooling capacity) assessed by a global energy balance in the compartment. As a result, the refrigeration 
circuit components (compressor, CT-SL HX, condenser and evaporator) were formulated as lumped models based 
on mass and energy conservation principles. The components sub-models are presented as follows: 
 
Reciprocating compressor 
The main compressor parameters to be assessed by the sub-model are compressor mass flow rate, ?̇?𝑘 [kg/s] and 







where Vk [m3] is the compressor displacement, N [s-1] the compressor frequency, v1 [m3/kg] the refrigerant specific 
volume at compressor suction line evaluated at evaporating pressure pev [Pa] and suction line temperature T1 [°C]. 
The volumetric efficiency 𝜂𝑣 [-], is expressed by a polynomial equation whose coefficients were fitted to the 
manufacturer calorimeter test data.  
 
Compressor power consumption ?̇?k [W] can be computed as a function of compressor specific isentropic work  
𝑤𝑠 = ℎ2𝑠 − ℎ1, thermodynamic efficiency 𝜂𝑠 [-] and compressor mass flow rate as follows: 
 
 ?̇?𝑘 = ?̇?𝑘
(ℎ2𝑠 − ℎ1)
𝜂𝑠
+ 𝑈𝐴𝑘(𝑇2 − 𝑇𝐸) (12) 
  
where ℎ1 [J/kg] and  ℎ2𝑠 [J/kg] are, respectively, the refrigerant specific enthalpies at the beginning and at the end of 
the isentropic compression process, 𝑈𝐴𝑘 [W/°C] the compressor shell overall heat transfer coefficient, T2 [°C] the 
refrigerant temperature at compressor discharge line and TE [°C] the climate test ambient temperature. 
 
Capillary tube suction-line heat exchanger 
An overall energy balance in the capillary tube suction line heat exchanger provides an expression for the refrigerant 
specific enthalpy at evaporator inlet ℎ6 [J/kg].  
 
 ℎ6 = ℎ7 − (ℎ1 − ℎ5) (13) 
 
where ℎ5 [J/kg] is the specific enthalpy of refrigerant at capillary tube inlet, assessed by discharge pressure 𝑝𝑐𝑑  [Pa] 
and refrigerant temperature at capillary tube inlet 𝑇5 = 𝑇𝑐𝑑 − ∆𝑇𝑠𝑢𝑏 . The sub cooling degree, Tsub [°C], was 
measured during the baseline energy consumption tests and kept constant during all simulations. In a similar way, 
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ℎ7[J/kg], the specific enthalpy of refrigerant at evaporator outlet was computed considering the evaporating pressure 
𝑝𝑒𝑣  [Pa] and refrigerant temperature at evaporator outlet 𝑇7 = 𝑇𝑒𝑣 + ∆𝑇𝑠𝑢𝑝. Tev [°C] is the evaporating temperature 
(or dew point for R-404A) and the superheating degree, Tsup [°C], was measured during the baseline energy 
consumption tests and kept constant during all simulations. Finally, the specific enthalpy at compressor inlet was 
evaluated considering the evaporating pressure and the refrigerant temperature at compressor suction line (point 1 – 
figure 2). The CT-SL HX effectiveness 𝜀𝑖𝐻𝑋  [-], calibrated during baseline energy consumption, was used to 
calculate the refrigerant temperature at compressor suction line T1 [°C] as follows: 
 
 𝑇1 = 𝜀𝑖𝐻𝑋𝑇5 + (1 − 𝜀𝑖𝐻𝑋)𝑇7 (14) 
 
 Heat exchangers: condenser and evaporator 
Both condenser and evaporator are forced-draft fin-in-tube heat exchangers. The heat exchangers mathematical 
model was based on mass and energy conservation principles applied to refrigerant and air side. The mathematical 
model was devised in a way that the heat exchangers overall heat transfer coefficients could be calibrated based on 
experimental measurements gathered when the energy consumption test is carried out. The heat rejected by the 
condenser was computed from mass and energy balances on the refrigerant side as follows: 
 
 ?̇?𝑐𝑑 = ?̇?𝑘(ℎ3 − ℎ5) (15) 
 
where ℎ3 [J/kg] and ℎ5 [J/kg] are, respectively, the specific enthalpies at condenser inlet and outlet. The specific 
enthalpy at condenser outlet is assessed using the temperature at condenser outlet T5 = Tcd  - Tsub, where Tcd [°C] is 
the condensing temperature (or bubble point for R-404A) and Tsub the subcooling degree. During model 
calibration, the specific enthalpy at condenser inlet ℎ3  [J/kg] was computed by considering the pressure and 
temperature measurements at condenser inlet. The heat rejected to the ambient by the condenser can also be 












where 𝑈𝐴𝑐𝑑  [W/ºC] is the condenser overall heat transfer coefficient, TA,cd = Tcd – Tair.cd.in the temperature 
difference between condensing temperature and the air at condenser inlet, whereas TB,cd = Tcd – Tair.cd.out is the 
temperature difference between the condensing temperature and the air at condenser outlet. Equations (15) and (16) 
can be combined in order to derive empirical values to the overall heat transfer coefficient, 𝑈𝐴𝑐𝑑[W/°C]. In a similar 
way, the heat absorbed by the evaporator (a.k.a. cooling capacity) was computed from mass and energy balances on 
the refrigerant side as follows: 
 ?̇?𝑒𝑣 = ?̇?𝑘(ℎ7 − ℎ6) (17) 
 
where ℎ6 [J/kg] and ℎ7 [J/kg] are respectively the specific enthalpies at the evaporator inlet and outlet. The specific 
enthalpy at evaporator outlet is assessed considering temperature at evaporator outlet T7 = Tev + Tsup, where 
Tev [°C] is the evaporating temperature (or dew point for R-404A) and Tsup the superheating degree. The specific 
enthalpy at evaporator inlet, ℎ6 [J/kg], was computed based on the energy and mass balance on the CT-SL HX as 
shown on the previous section. Equations (6) to (10) can be combined to equation (17) in order to derive empirical 
values to the overall heat transfer coefficient, 𝑈𝐴𝑒𝑣[W/°C] and evaporator fan mass flow rate, ?̇?𝑀 [kg(a)/s]. 
 
4. RESULTS AND DISCUSSION 
 
Two energy consumption tests were performed with the self-contained R-290 refrigeration unit. Baseline energy 
consumption test was performed at 32°C ambient temperature and 65% relative humidity. The results were then 
used for model calibration.  The model validation was then performed by using the calibrated model to predict the 
system energy consumption at 27°C ambient temperature. Experimental results are compared to numerical results as 
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EC [%] RTR [%] 
1 32 0.65 3500 509.3 0.97 514.4 0.97 1.00 * 
2 27 0.65 2300 378.2 0.97 380.2 1.0 0.52 3.0% 
* Running time ratio is an input data for model calibration 
 
The semi-empirical mathematical model was then used to investigate the energy consumption variation as a function 
of ambient temperature, compressor models and refrigerant fluid. Figure 5 presents energy consumption (figure 5a) 
and running time ratio (figure 5b) variation as a function of ambient temperature for (i) single speed 20cm3 
displacement compressor (R-404A at 3600 RPM), (ii) variable speed 13cm3 displacement compressor (R-290 at 
3600 RPM) and (iii) variable speed 13cm3 displacement compressor (R-290 with speed control). It is important to 
note that the differences on the energy consumption profile can be attributed to three main parameters (i) compressor 




Figure 5: (a) Energy consumption and (b) compressor running time ratio  
 
Table 2 presents the calorimeter test data for both compressors at 3600 RPM at ARI540MBP check-point condition. 
As one can see, the variable speed 13cm3 displacement R-290 hermetic reciprocating compressor is up to 17% more 
efficient than its single speed 20cm3 displacement R-404A counterpart at the same check-point condition.  
 
Table 2: Compressor calorimeter test data (Tev = - 6.7°C/Tcd= 48.9°C) 
Compressor Fluid Nk [RPM] Capacity [W] Power [W] COP [W/W] 
Variable speed 13cm3 displacement  R-290 3600 1249 602.0 2.07 
Single speed 20cm3 displacement  R-404A 3600 2043 1155 1.77 
 
In addition, the model was used to evaluate the influence of compressor displacement on energy consumption. 
Results have shown that reducing R-404A compressor’s displacement to 13cm3 would address an energy 
consumption saving up to 13% due to a match between thermal load and cooling capacity. However, reducing        
R-404A compressor displacement would lead to insufficient cooling capacity for higher ambient temperatures. The 
combination of compressor higher efficiency and lower displacement led the 13cm3 R-290 compressor to an average 
energy consumption saving of about 30% (at Nk = 3600 RPM). Finally, the speed control effect was evaluated by 
running the compressor at minimum suitable speed for each ambient temperature, which led to total energy 
consumption savings about 40% when comparing the single speed 20cm3 displacement R-404A to variable speed 
13cm3 displacement R-290 with speed control.  
 































R-290 variable speed @ 3600 RPM
R-404A single speed  @ 3600 RPM
R-290 variable speed @ speed control
































R-290 variable speed @ 3600 RPM
R-404A single speed  @ 3600 RPM
R-290 variable speed @ speed control
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The mathematical model capabilities were also applied to evaluate the effect of compressor speed on compartment 
psychometrics. It is well known that as the compressor speed drops, evaporating temperature must rise due to the 
lower cooling capacity. As a result, the dehumidification rate will decrease as shown on figure 6a.  
 
In addition, the model was also used to predict the effect of heat exchangers overall heat transfer coefficient on 
system energy consumption. This analysis was necessary since incorporated systems usually apply condenser and 
evaporator areas much bigger than those applied to the self-contained refrigeration unit presented herein. Figure 6b 
presents the effect of the evaporator overall heat transfer coefficient on system energy consumption. Similar results 




Figure 6: (a) Relative humidity vs. compressor speed and (b) energy consumption variation vs. UAev.   
 
Finally, the energy consumption performance of the self-contained refrigeration unit presented herein (variable 
speed 13cm3 displacement R-290 hermetic reciprocating compressor) was compared to a typical R-404A 
incorporated refrigeration unit through a whole year. To do so, the ambient temperature (TE) was assumed as the 
monthly average ambient temperature in Joinville, Brazil, as shown on table 3. To perform a fair comparison, the 
evaporator and condenser overall heat transfer coefficients for the incorporated unit were increased by 50% when 
compared to the self-contained unit. Incorporated units usually present evaporator and condenser areas bigger than 
those found on the self-contained unit. Figure 7 presents the energy consumption performance for (i) incorporated 
single speed 20cm3 displacement R-404A refrigeration unit with improved heat exchangers, (ii) self-contained 
13cm3 displacement R-290 refrigeration unit at 3600 RPM and (iii) the same self-contained refrigeration unit with 
speed control. Results have shown that the self-contained R-290 refrigeration unit provides an annual energy 
consumption saving about 17% (at fixed speed) and 30% (with speed control). In addition, figure 7 presents the 
estimated yearly electricity costs for the three configurations investigated herein based on the average price of 
electricity to ultimate customers by end-user for commercial sector (0.106 US$/kWh – US EIA February 2018 ). 
 
Table 3: Monthly average ambient temperature (°C) through the year (Joinville, SC, Brazil) 
Jan Feb Mar April May June July Aug Sept Oct Nov Dec 
25.1 25.1 24.1 21.8 19.5 18 17.1 17.6 18.8 20.6 22.4 23.6 








































































Single speed R-404A (TE = 27°C / fE = 50%)
 
 2456, Page 9 
 
17th International Refrigeration and Air Conditioning Conference at Purdue, July 9-12, 2018 
 
Figure 7: Energy consumption and electricity costs for a typical 1.25m long supermarket reach-in beverage cooler 




This paper presented a theoretical and experimental analysis of a self-contained variable speed R-290 refrigeration 
unit applied to a typical 1.25m long two-glass-door reach-in supermarket display case. A semi-empirical 
mathematical model was put forward to predict the system energy consumption and cabinet psychometrics. The 
model was divided into two sub-models named (i) psychometric and (ii) vapor compression sub-models. Energy 
consumption tests were carried out at two ambient temperatures (32°C and 27°C). The former was used for model 
calibration while the later for model validation. A good agreement between experimental and numerical results was 
found with errors lower than 1% and 3% on energy consumption and compressor running time ratio respectively 
 
The mathematical model was then applied to compare the performance of the single speed 20cm3 displacement      
R-404A hermetic reciprocating compressor to the variable speed 13cm3 displacement R-290 hermetic reciprocating 
compressor. Calorimeter test data have shown that the 13cm3 displacement R-290 hermetic reciprocating 
compressor has a COP up to 17% higher than its R-404A single speed counterpart.  
 
The influence of the ambient temperature on energy consumption was then assessed by numerical simulations. The 
results have shown a total energy consumption saving of up to 30% for variable speed 13cm3 displacement R-290 
compressor at 3600RPM and 40% when the speed control is applied, comparing to the 20cm3 displacement single 
speed R-404A compressor applied to the 1.25m long two-glass-door beverage display case studied herein. The 
influence of compressor speed on the compartment psychometrics was also performed for the variable speed R-290 
self-contained refrigeration unit. It was shown that as the compressor speed drops, the increase in the evaporating 
temperature will cause a reduction on the compartment dehumidification, resulting in a higher compartment relative 
humidity.  
 
The mathematical model was also used to predict the influence of heat exchangers (condenser and evaporator) on 
system overall energy consumption. Results have shown that as the heat exchangers overall heat transfer coefficients 
increase, there is a decrease on system energy consumption especially because the decrease on compressor pressure 
ratio. In order to perform a fairer comparison, the mathematical model was then used to compare the self-contained 
R-290 refrigeration unit to a typical R-404A incorporated unit with improved heat exchangers (50% increases on 
both condenser and evaporator). The simulation was performed using monthly average ambient temperature as 
boundary conditions. The numerical results have shown that even with improved heat exchangers the R-404A 
incorporated unit still had an annual energy consumption results up to 30% higher than those for the self-contained 
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NOMENCLATURE 
 
Nomenclature  Subscripts 
CT capillary tube  a dry air 
EC energy consumption (kWh/mth)  C cabinet 
h specific enthalpy (J/kg)  cd condenser 
?̇? mass flow rate (kg/s)  d door 
N compressor frequency (1/s)  E environment 
p pressure (Pa)  e exhaustion 
?̇? heat transfer rate (W)  ev evaporator 
RTR running time ratio (-)  I insufflation  
SL suction line  iHX internal heat exchanger 
T temperature (°C)  k compressor 
UA overall heat transfer coefficient (W/°C)  lat latent heat 
V compressor displacement (m3)  M mixture 
𝑣 refrigerant specific volume (m3/kg)  o ligths 
?̇? power (W)  R return 
   s isentropic, steam 
Greek  sens sensible heat 
𝜂 efficiency (-)  sub sub cooling 
𝜔 humidity ratio (kg(s)/kg(a))  sup superheating 
𝜀 effectiveness (-)  ttl  total thermal load 
𝜙 relative humidity (-)  v  volumetric 
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